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3D CFD modelling is widely employed for the detailed analysis of flow and thermodynamics in complex machines 
such as twin screw compressors. The advantage of such high resolution simulations is that realistic geometry of the 
rotors and the ports can be captured. Additionally, the physical effects of fluid thermal interactions and leakage are 
directly captured by these models. Recent studies have shown that for dry air and oil injected air compressors a good 
agreement is achieved with measurements, in prediction of performance parameters. In these simulations the Eulerian-
Eulerian multiphase modelling has been applied. To implement the same model for water injected compressors 
presents an additional challenge as the liquid water injected into the compression chamber changes phase and 
evaporates depending on the local saturation and thermodynamic conditions. Water also forms liquid film on the rotors 
and housing and thereby influences thermal changes. 
In this paper a CFD model for water injected twin screw compressor that accounts for evaporation effects has been 
presented. Empirical form of the Lee evaporation-condensation model for phase change has been applied in the 
compression chamber using the phase specific mass and energy sources. Calculation of the amount of water required 
to just saturate the compressed air at delivery pressure is used to set the mass flow rate of water at two operating 
speeds. The effect of the suction air temperature and relative humidity is studied. Evaporation inside compression 
chamber has two important physical effects, one is that the latent heat of evaporating water lowers the gas temperature 
and the other is the change of state from water to vapour. Including vapour as a third phase in the CFD model adds a 
complexity to already challenging deforming grids required for twin screw domains. Hence a mass and energy source 
formulation is proposed in the presented study to account for the vapour phase and evaporation effects, thus limiting 
the number of phases to be modelled. Local drop in gas temperature, distribution of water and regions of evaporation 
were identified by the simulations. Thermal hot spots on the rotor were located. Reduction in the leakage of gas and 
its exit temperature was well predicted by the model. Such simplified evaporation model can be further used in the 




The idea of injecting liquid water in twin screw air compressors has been utilised for long time due to the 
thermodynamic benefits that supersede a dry air compression process (Stosic et al, 2004). There are industrial 
processes requiring clean compressed air where oil contamination is not acceptable such as in the food and 
pharmaceutical plants. In the absence of oil in the compression chamber, leakage and thermal deformations pose limits 
on the delivery pressures that could be achieved in one compression stage. As such, the multistage compression with 
intercooling has been employed which adds immensely to the cost of the compressor plant. When water is used in 
small quantities during the compression process an internal cooling and sealing can be achieved and also a condenser 
fitted downstream of the compressor can strain the water out of delivered high pressure air. In such a system or when 
there are no condensers employed it is desirable to inject an optimum quantity of water into the compression chamber 
in order to establish evaporative cooling. Twin screw compressors with water injection are also used to supply clean 
compressed air for the Proton Exchange Membrane (PEM) fuel cell systems. Humidity and temperature of the inlet 
air must be kept at desirable levels to achieve optimum fuel cell performance. Ous et al (2012), have reported 
experimental investigation of water injection in Twin Screw compressors in order to achieve humidification and 
cooling for fuel cell stacks. The effect on humidity due to injection was higher at low operating speeds and air mass 
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flow rates (~13% RH increase) and its effect became gradually reduced at higher speeds (~5% RH increase). The 
compressor tested at City, University of London was operated between 3 and 15 bar delivery pressure providing 
airflow of 2.4 -3 m3/hour. Relative humidity of the outlet air was found to be higher than the inlet air for speed and 
air mass flow values below 2300rpm and 68g/s respectively. Above 2300rpm, RHout became lower than RHin as the 
amount of injected water was not enough to compensate for the continuous increase of temperature. Therefore, for 
high operating speeds, more water injection was required to prevent supplying dry air to the fuel cell stacks. The 
evaporation rate was increased almost three times, as the operating speed increased from 1500rpm to 3000rpm, largely 
because of the increase of air mass flow rate. Yang et al (2016) have reported experimental studies on a water-injected 
process-gas screw compressor. The optimum water-to-air mass ratio was found to be 2–3 lit/m3. Hanjalic and Stošić 
(1997) and Stošić et al (2005), have presented rotor profile generation and numerical model for thermodynamic 
simulation and design optimization. On an oil injected compressor test case, it was found that the temperature of the 
oil closely follows the gas temperature during the compressor cycle, except for extremely large oil droplet sizes (over 
0.5 mm). In Li et al (2009), a thermodynamic model of the working process of water-injection twin screw compressor 
based on the equations of conservation of mass and energy has been presented. The two phase leakage flow through 
the internal leakage paths was based on the homogeneous fluid equations. Measurements of performance on a 
compressor with 3000 rpm and the range of water flow rate from 80 lph to 200 lph has been reported. Additional 
power required for water injection was less than 3.0% of the indicated power of the compressor. Discharge temperature 
in the range of 37 – 65 C could be achieved with water injection. A full Eulerian-Eulerian multiphase CFD analysis 
for oil flooded twin screw compressors has been reported in Rane et al (2016). A structured numerical mesh which 
can represent all moving parts of the compressor in a single numerical domain was generated by SCORG (Kovačević, 
2005, Kovačević et al, 2007, Rane, 2015, Rane and Kovačević, 2017). In this study it was shown that the oil phase 
strongly interacts with gas phase. The heat transfer rates were calculated by specification of an interfacial area estimate 
and local Nusselt number. The results showed an accumulation of oil phase in the tips of the rotor lobes leading edges 
and also heavy flooding in the interlobe gaps. An interaction of the oil injection stream with lobes was qualitatively 
presented. In the current study the same framework has been used to model air and water-liquid two phase flow with 
an addition of the empirical form of the Lee model (Lee, 1979) for evaporation effect. 
The objective of the present analysis was to estimate the temperature distribution inside the compressor, identify non-
uniformity and provide data to estimate thermal deformations due to high temperatures. CFD model was used to 
calculate four different operating conditions with gradually increasing water content. The analysis indicates that with 
an increased amount of water injection into the compression chamber it is possible to control the gas discharge 
temperature in the limits of 200 degC which was assumed safe temperature for bearing and seal operation.   
In the Eulerian-Eulerian approach of multiphase modelling, the primary and secondary phases are treated as 
interpenetrating continua. Phasic volume fraction 𝛼𝑞 represents the volume of a computational cell occupied by 𝑞
𝑡ℎ 
phase and the conservation transport equations of mass, momentum, energy and other scalars are satisfied by each 
phase individually. The equations are presented below. 
Conservation of mass: 




𝛼𝑞𝜌𝑞 + 𝑑𝑖𝑣 (𝛼𝑞𝜌𝑞 ?⃗? 𝑞) = ∑(?̇?𝑝𝑞 − ?̇?𝑞𝑝)
𝑛
𝑝=1
+ 𝑆𝑞 (1) 
Here, ?⃗? 𝑞  is the velocity of phase 𝑞 and has three Cartesian components. ?̇?𝑝𝑞 is the mass transfer term from 𝑝
𝑡ℎ phase 
to 𝑞𝑡ℎ phase. ?̇?𝑞𝑝 is the mass transfer term from 𝑞
𝑡ℎ phase to 𝑝𝑡ℎ phase. These terms will exist in situations such as 
evaporation and condensation phase change. 𝑆𝑞 is any additional mass source for the phase 𝑞. 
Conservation of momentum: 




(𝛼𝑞𝜌𝑞 ?⃗? 𝑞) + 𝑑𝑖𝑣 (𝛼𝑞𝜌𝑞 ?⃗? 𝑞 ?⃗⃗⃗? 𝑞) = −𝛼𝑞𝑔𝑟𝑎𝑑(𝑝) + 𝑑𝑖𝑣 ?̿?𝑞 + 𝛼𝑞𝜌𝑞?⃗?  
                                                              + ∑(?⃗? 𝑝𝑞 + ?̇?𝑝𝑞?⃗? 𝑝𝑞 − ?̇?𝑞𝑝?⃗? 𝑞𝑝)
𝑛
𝑝=1
+ ∑𝐹 𝑞 
?̿?𝑞 = 𝛼𝑞𝜇𝑞 (grad?⃗? 𝑞 + grad?⃗? 𝑞
𝑇





)  𝑑𝑖𝑣(?⃗? 𝑞 ?̿?) 
(2) 
Where, ?̿?𝑞 is the 𝑞
𝑡ℎ phase stress-strain tensor with components that are function of shear and bulk viscosity. 𝑝 is the 
pressure shared by all phases, 𝜇
𝑞
 and 𝜆𝑞 are the shear and bulk viscosity of phase 𝑞. ∑ ?⃗? 𝑞 represents all external body 
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forces such as lift, virtual mass, turbulent dispersion etc. ?⃗? 𝑝𝑞 is the interaction force between phases such as drag and 
interphase momentum exchange. ?⃗? 𝑝𝑞 and ?⃗? 𝑞𝑝 are the interphase velocities. 
Conservation of energy: 








+ ?̿?𝑞: grad?⃗? 𝑞 − 𝑔𝑟𝑎𝑑?⃗? 𝑞 











Here, ℎ𝑞 is the specific enthalpy of phase 𝑞. 𝑞 𝑞 is heat flux, 𝑆𝑞  is enthalpy source, 𝑄𝑝𝑞 is the intensity of heat exchange 
between phases 𝑝 and 𝑞. ℎ𝑝𝑞 is the interphase enthalpy i.e. vapour enthalpy is case of evaporation. ɦ𝑝𝑞 is the heat 
transfer coefficient at the phasic interface, 𝑘𝑞 is the thermal conductivity of phase 𝑞 , 𝑁𝑢𝑝 is Nusselt number and 𝑑𝑝 
is the vapour bubble diameter of phase 𝑝. 
 
2. WATER EVAPORATION MODEL 
 
Evaporation inside compression chamber has two important physical effects, one is that the latent heat of evaporating 
water is absorbed by gas which lowers the gas temperature and water changes state to vapour. Few models are 
presented in this paper that can be used alongside the CFD Eulerian multiphase framework in order to define the 
phasic mass and energy transfer source terms resulting due to the evaporation-condensation phase change phenomena.  
 
2.1 Lee Model 
Lee (1979) has proposed a mechanistic evaporation-condensation model that defines the phase change mass transfer 
source term using a time scale coefficient. The interphase mass transfer in equations (1, 2 and 3) are defined as, 
If 𝑇𝑤 > 𝑇𝑠𝑎𝑡 (Evaporation), 




If 𝑇𝑣 < 𝑇𝑠𝑎𝑡 (Condensation), 




Note that ?̇?𝑤𝑣 ≠ ?̇?𝑣𝑤 
𝐶𝑒 and 𝐶𝑐 are the time scale coefficient (1/sec units), sub-scripts 𝑤 and 𝑣 correspond to water liquid and vapour 
phases respectively. 𝑇𝑤 is water-liquid temperature, 𝑇𝑠𝑎𝑡 is the saturation temperature at pressure 𝓅, 𝑇𝑣 is the water-
vapour temperature. In the case of air compression system with water evaporation, the pressure 𝓅 should be taken as 
the vapour partial pressure ?̂?. 
Corresponding to this interphase mass transfer, the interphase enthalpy transfer in equation (3) is defined as, 
 𝑄𝑝𝑞 = 𝑄𝑤𝑣 = ?̇?𝑤𝑣 ∙ 𝐿 (6) 
𝐿 is the latent heat due to phase change. 
For a given process or machine where phase change is taking place, the time scale coefficients need to be adjusted 
so as to get expected phase change results. In general the coefficients are specified as 0.1 (Lee, 1979) but 
condensation coefficient can be high as condensation is a relatively slower process. 
 
2.2 Thermal Phase Change Model 
Unlike the Lee model, the Thermal phase change model defines the mass transfer rates entirely based on the interphase 
heat transfer and overall heat balance at the phasic interface. No adjustment coefficients are required apart from the 
solver relaxation factors for stability of the numerical solution due to mass transfer sources. 
At the water-liquid and water-vapour interface heat balance gives 
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𝑄𝑤 + 𝑄𝑣 = 0 
           From the interface to water-liquid phase, 
𝑄𝑤 = ɦ𝑤𝐴𝑖(𝑇𝑠𝑎𝑡 − 𝑇𝑤) − ?̇?𝑤𝑣 ∙ 𝐻𝑤𝑠 
           From the interface to water-vapour phase, 
𝑄𝑣 = ɦ𝑣𝐴𝑖(𝑇𝑠𝑎𝑡 − 𝑇𝑣) + ?̇?𝑤𝑣 ∙ 𝐻𝑣𝑠 
           Subscript 𝑠 is selected depending on evaporation or condensation 
ɦ𝑤𝐴𝑖(𝑇𝑠𝑎𝑡 − 𝑇𝑤) − ?̇?𝑤𝑣 ∙ 𝐻𝑤𝑠 + ɦ𝑣𝐴𝑖(𝑇𝑠𝑎𝑡 − 𝑇𝑣) + ?̇?𝑤𝑣 ∙ 𝐻𝑣𝑠 = 0 
 
?̇?𝑤𝑣 =




The interphase mass transfer in equations (1, 2 and 3) are obtained from equation (7). Equation (8) and (9) are used 
to select the enthalpy for source in equation (3). 
If ?̇?𝑤𝑣 > 0 (Evaporation), 
 
𝐻𝑤𝑠 = 𝐻𝑤(𝑇𝑤) 
𝐻𝑣𝑠 = 𝐻𝑣(𝑇𝑠𝑎𝑡) 
(8) 
If ?̇?𝑤𝑣 < 0  (Condensation), 
 
𝐻𝑤𝑠 = 𝐻𝑤(𝑇𝑠𝑎𝑡) 
𝐻𝑣𝑠 = 𝐻𝑣(𝑇𝑣) 
(9) 
 𝐿 = 𝐻𝑣(𝑇𝑠𝑎𝑡) − 𝐻𝑤(𝑇𝑠𝑎𝑡) (10) 
As seen from equation (7), the heat transfer coefficients ɦ𝑤, ɦ𝑣 and the interfacial area 𝐴𝑖 must be determined 
in the thermal phase change model. These inputs are very difficult to be prescribed a priori. Also as the phase 
change progresses, the coefficients and areas can vary by a large extent. The advantage with Lee model described 
in section 2.1 is that these inputs are not required to initiate mass transfer. 
 
2.3 Simplified Evaporation Model for water injected air compression  
In the case of air compression with water evaporation, air is the primary phase of interest with very small quantity of 
water injection. Water-liquid was the secondary phase that needs to be considered not only for its effect of heat transfer 
with air but also for its sealing effect in the leakage gaps. As such equations for air and water-liquid two phase flow 
are solved. Evaporation of water-liquid to water-vapour in this process is a secondary effect and in order to reduce 
computational effort, the full conservation transport equations for water-vapour are not solved.  
An empirical form of the Lee model has been used in the present study. It is assumed that during the entire compression 
process from suction pressure to discharge pressure, the secondary phase water-liquid changes to water-vapour only 
when its temperature exceeds the saturation temperature at discharge pressure. Such high temperatures can occur 
inside the compression chamber due to the heat addition of compression and reheating of leakage gas. An internal 
over-compression is another possible contributor. Another crude assumption is that the phase change is unidirectional 
i.e. only evaporation occurs and no condensation. It is anticipated that condensation, if it occurs, will only happen in 
the discharge pipe and not in the compression chamber where the continuous heat addition occurs. As discharge piping 
is not a part of the computational domain, condensation can be ignored. Once the water-liquid is evaporated it is 
artificially removed from the domain. The entire enthalpy of evaporation is extracted from the primary phase air and 
the secondary phase water-liquid resulting into their cooling. Air and water-liquid carry a complete energy and 
momentum transfer as defined in equations (2) and (3). 
In the empirical form the evaporation mass transfer rate in equation (1, 2 and 3) for water-liquid phase is 
If 𝑇𝑤 > 𝑇𝑠𝑎𝑡,𝓅_𝑑𝑖𝑠𝑐ℎ𝑎𝑟𝑔𝑒  (Evaporation), 
 





′  𝛼𝑤𝜌𝑤  
- LEE Model (11) 
- Empirical form 
 
Such that, 𝑇𝑤 ≫ 𝑇𝑠𝑎𝑡,?̂? 
𝐶𝑒







∆𝑡 is the solver time step size.  
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The enthalpy source in equation 3 applied for air phase is defined as 
 𝑄𝑣𝑎 = −?̇?𝑤𝑣 ∙ 𝐿 (12) 
𝐿 is the latent heat due to evaporation at discharge pressure. Such an empirical model also enables the use of 
constant thermodynamic properties for the water-liquid in the calculations. 
 
3. WATER CALCULATION 
 
The water injected compressor was designed to operate between atmospheric suction pressure and a delivery pressure 
close to 11.0 bar absolute. It was desirable to inject a quantity of water that is just sufficient to evaporate and saturate 
the air at delivery conditions. Any amount of water lower than this will result into insufficient cooling of the gas with 
water exiting as superheated vapour. On the other side, any excess of water will accumulate in the compressor system 
similar to an oil flooded compressor requiring a downstream condenser. This is also not favourable option for bearings 
and rotors. The quantity of water required to produce saturated air depends on the initial humidity, temperature and 
the compression work added to reach the delivery pressure. The delivery temperature will depend on the saturation 
temperature at delivery pressure. The saturation pressure is a function of water temperature. As the temperature of 
water increases, the number of molecules transitioning into a vapour also increase, thereby increasing the vapour 
pressure. At a given temperature and saturation condition there is equilibrium between the molecules transitioning 
into vapour and vice-versa. Equations used to relate the saturation vapour pressure and temperature are available in 
literature (Griffith and Keller, 1965). Equation (13) by Steltz and Silvestri (1958) which relates the pressure of 













𝑎 = 3.2437814, 
𝑏 = 5.86826 ⨯ 10−3, 
𝑐 = 1.1702379 ⨯ 10−8, 
𝑑 = 2.1878462 ⨯ 10−3,  
 
𝑝𝑠𝑎𝑡 = 𝑠𝑎𝑡𝑢𝑟𝑎𝑡𝑖𝑜𝑛 𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒 (𝑎𝑡𝑚),   
𝑇𝑘 = 𝑡𝑒𝑚𝑝𝑒𝑟𝑎𝑡𝑢𝑟𝑒(𝐾),  
𝑝𝑐 = 𝑐𝑟𝑖𝑡𝑖𝑐𝑎𝑙 𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒 = 218.167 𝑎𝑡𝑚  
𝑇𝑐 = 𝑐𝑟𝑖𝑡𝑖𝑐𝑎𝑙 𝑡𝑒𝑚𝑝𝑒𝑟𝑎𝑡𝑢𝑟𝑒 = 647.27 𝐾,  






Figure 1: Flow chart of the water mass calculator 
From psychrometric relations, 










𝑝𝑣 is the vapour pressure and 𝑝𝑠𝑎𝑡  is the saturation vapour pressure at temperature 𝑇𝑘. At saturation, 𝑅𝐻 = 1. 
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Using equations (13, 14 and 15) an iterative water calculation procedure was used that starts with an initial delivery 
temperature and humidity conditions and using successive increment estimates the mass of water required to produce 
saturated air at the delivery pressure. Figure 1 presents a flow chart of the water calculator. 
Analysis of the amount of water required for a specified quantity of air and suction conditions indicates that for the 
air mass flow rate considered in this study (Design air flow value could not be disclosed), it is possible to achieve a 
delivery temperature in the range of 100 – 160 degC at 11.0 bar discharge pressure for a range of compression power 
requirements. A range of compression power between 15 – 50 kW originates from an estimated adiabatic efficiency 
of the compressor which could vary from 25 to 85%. The water calculator is independent of the type of the compressor 
used. 
 
3.1 Water mass requirement 
Figure 2 presents the quantity of water in kg/min required when the suction is at atmospheric pressure with relative 
humidity 3%. There is proportional increment in water mass requirement from ~0.2 kg/min at 10kW power to ~1.2 
kg/min at 60kW. Increasing suction temperature from 10 degC to 25 degC resulted in a small increase in required 
water mass flow for saturation.  
  
Figure 2: Water mass flow required for saturation  
of air at 11.0bara discharge 
Figure 3: Saturation temperature of air  
at 11.0bara discharge  
 
Figure 3 presents the estimate of delivery temperature. From 10 kW to 60 kW the delivery temperature with saturation 
condition can vary from 100 degC to 150 degC. Increasing suction temperature from 10 degC to 25 degC resulted in 
very close delivery temperatures as this was compensated by an incremental evaporated water mass. 
 
3.2 Influence of suction humidity 
Figure 4 shows a relative difference in water mass flow required for saturation when the suction humidity is increased 
from 3% to 15%. Values at 10 degC are used as reference. At 10 kW power a 2%, 4% and 8% higher water mass is 
required to produce saturation with 15% RH, 25 degC 3% RH and 25 degC 15% RH suction condition respectively. 
This incremental value drops to a very low percentage < 1% at 60 kW power.  
 
  
Figure 4: Required water mass flow for saturation 
conditions at discharge relative to 3% RH 
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Figure 5 shows the delivery temperatures when the suction humidity is increased indicating that there will be no 
difference providing sufficient amount of water is injected. These results indicate that the effectiveness of cooling the 
compressed air reduces with the increase in the suction temperature. The increase in relative humidity and temperature 
at suction can be compensated by varying the water mass flow rate to produce the same delivery temperature.  
An important consideration when using these results is that in the real compression chamber the injected water will 
have a limited residence time available for heat transfer and evaporation and before the entire injected water mass is 
evaporated, it could leave the compression chamber thereby producing higher temperatures then predicted by the water 
calculator here. The water calculator procedure estimates mass of water as per unit mass of air but does not account 
for transient physical behaviour of the compression process. 
 
4. CFD MODEL OF WATER INJECTED TWIN SCREW COMPRESSOR 
 
Description of typical CFD modelling for twin screw compressors in presented in detail in Rane (2015), Rane and 
Kovačević (2017). The whole working domain of the compressor is split into four main sub-domains namely rotor 
domain, suction port, discharge end leakage gap and discharge port. All sub-domains are connected in the solver by 
non-conformal interfaces. The grid for the rotor domain is generated using SCORG while grids for all stationary 
domains are obtained using ANSYS meshing. ANSYS CFX solver is used for the calculations in this study. An 
inhomogeneous formulation as described by equations (1, 2 and 3) treats momentum transport for each phase 
separately and can account for high slip conditions. Evaporation of water-liquid phase is defined as per equation (11) 
and 𝑇𝑠𝑎𝑡,?̂? = 184.06 C  is specified with latent heat 𝐿 = 1998.55 kJ/kg in equation (12) corresponding to 11.0 bar 
delivery pressure. Four cases were calculated in this study. The operating conditions are as shown in Table 1. As 
observed from initial calculations and also based on Ous et al (2012) experiments, it was required to increase the 
injected water mass compared to that estimated by saturation water calculator in order to achieve sufficient cooling. 
 
Table 1: CFD cases evaluated and resultant delivery 
temperature at 11.0 bar 
Table 2: Fluid properties 
  
 
Properties of fluids used as phases in the multiphase calculation are defined in Table 2 with air as the primary phase 
and water-liquid as the secondary phase. Pressure boundary conditions were specified at the suction and discharge. 
Solver parameters were set at higher stability conditions. A number of iterations were performed and different settings 
tested to determine the combination that works robustly for the mesh and flow conditions. SST k-Omega turbulence 
model was applied. 
 
5. RESULTS AND DISCUSSION 
Results from CFD analysis are presented in this section. They reflect a state when full 11.0 bar discharge pressure has 
been reached in the discharge port and 1-2 cycles of calculation were performed at these operating conditions. The 
cycle averaged temperature data were collected during the calculation. 
 
5.1 Internal pressure and power 
Figure 6 shows the pressure in the compression chamber as function of the main rotor angle of rotation for Case1 at 
6000 rpm and 0.018 Kg/sec water mass flow rate. Both air and water inside the chamber are at the same pressure. 
Because of the high under-compression which can be observed by the steep pressure rise at 350 degree rotor angle, a 
strong pressure pulse is generated in the discharge port. Figure 7 shows the variation of indicated power in one 
compression cycle for Case1 at 6000 rpm and 0.018 Kg/sec water mass flow rate condition and Case2 at 4500 rpm 
and 0.009 Kg/sec water mass flow rate condition. The average indicated power at 6000rpm is 21.0 kW and at 4500rpm 
it is 15.0 kW. The average torque on the main rotor is close to 30.0 Nm while that on the gate rotor is close to 3.69 
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Nm. The direction of gate rotor torque is opposite to that of the main rotor. Since all the cases 1 to 4 have been 
calculated at 11.0 bar discharge pressure the resultant rotor torque is in the similar range. 
  
Figure 6: Internal chamber pressure variation during a 
cycle 
Figure 7: Compression power variation during a 
cycle 
 
5.2 Air temperature 
If water was not injected in the compressor, the temperature of air would have exceeded 380 degC at 11.0 bar discharge 
pressure. In the cases analysed, water has been injected at 10 degC. Table 1 shows the average air temperature at the 
discharge pressure in the four cases. It can be observed that for a low water mass flow rate of 0.009 Kg/sec the cooling 




Figure 8: Cycle average Air temperature distribution with an Iso-surface of liquid water 
 
The water mass of 0.009 Kg/sec was determined so as to achieve saturated air at the exit with power dissipation of 
approximately 30 kW. But these estimates did not account for transient affects. CFD calculation has therefore resulted 
in higher than saturation exit temperatures. Additionally the leakage of gas during compression adds to the 
accumulation of energy in the compression chamber which further raises the gas temperature. Cases 2 and 4 were 
designed such that the mass flow rate of water is 5x and 10x of the saturation mass of Case 2 respectively with the 
aim of achieving a discharge temperature lower than 200 degC. The limit of 200 degC is due to the maximum 
temperature that the compressor oil used for bearings and seals can withstand during operation. It can be observed 
from Table 1 that the temperature of 205 degC is achieved at 4500 rpm and 187 degC is achieved at 6000rpm with 
increased mass flow of water. Figure 8 shows the air temperature inside the compressor. An iso-surface generated 
with liquid volume fraction of 0.01% is also shown in the figure. The temperature in the suction port is lower on the 
gate rotor side, but on the main rotor side shows higher air temperature. This indicates that the leakage is higher from 
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the tip of the main rotor as compared to the gate rotor and also that the cooling is more effective on the gate rotor side 
as compared to the main rotors side for the same mass of injected water. The temperature on the gate rotor is higher 
than on the main rotor close to the discharge port. Water-liquid is observed in the region where air temperature is 
below the saturation temperature at 11.0 bar. Evaporation effect is visible in the compression chamber opened to the 
discharge port and also in the discharge port i.e. no liquid water is present here. In comparison to Case 2, Case3 
showed about 50 degC lower cycle average temperature. 
 
5.3 Evaporation effect 
Figure 9 shows the vapour formation and cooling of air. Figure 9a shows the air temperature distribution on the 
main rotor surface, in the end leakage and in a plane through the discharge port. Figure 9b shows the region 
where liquid water is converted to vapour. Figure 9c shows the distribution of liquid water on the main rotor 
surface and Figure 9d shows the latent heat being removed from air in regions where evaporation is active. The 
air temperature and presence of liquid water can be correlated to the regions of vapour formation and heat 
extraction in this figure. Due to very low mass of water - 0.009 Kg/sec in this Case 2 the local air temperature 
reaches to about 290 C. In Case 3 which had 5 times higher mass injection as compared to Case 2 the peak air 
temperature dropped to below 200 C as shown in Figure 8. 
 
Figure 9: Visualization of Case 2, a) Air temperature distribution, b) Regions of water evaporation, c) Liquid water 




Objective of the CFD analysis was to study the feasibility of the compressor to operate at 11.0 bar discharge pressure 
with a very low amount of water injection, just enough to provide cooling. A water calculation procedure was used to 
estimate the mass of water required to produce saturated air at delivery pressure. A multiphase CFD model was set up 
to solve air and water-liquid flow along with the simplified evaporation model to account for the latent heat of 
vaporisation. Analysis of the test cases indicate the following: 
 Results show higher cooling at 4500 rpm than at 6000 rpm for the same water mass flow rate. Total mass of 
water injected and its residence time in the compression chamber is higher at lower speed resulting in a 
greater heat transfer and cooling. At 4500 rpm the compression power is lower than at 6000 rpm. Therefore 
the same mass of water will provide higher cooling at lower speeds. 
 When water mass required just for saturation is injected, the exit temperature exceeds 300 C. By injecting 
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 In this compressor design, the water cooling effect was higher on the Gate rotor side due to earlier injection. 
But the peak temperature close to the discharge port is higher on the Gate rotor side. An increase in the water 
injection on the main rotor side can help to achieve better temperature uniformity. 
 Tip Leakage is higher on the main rotor side and this results in non-uniform temperature on the housing. 
In future, a design with water injection in the suction port can be considered. It can help in cooling the intake air, 
provide rotor film formation that can help cooling and lubrication of the rotors. In terms of CFD modelling a three 
fluid calculation with full evaporation-condensation phase change formulation could provide better accuracy in the 
estimate of delivery temperature and humidity. 
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